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Abstract
Background: The objective of this paper is to answer the question: “Can a ‘shell’
model always be used to predict the elastic buckling of a shell?”
Method: This paper shows that such a model leads to significantly overestimated critical
loads in the case of sandwich shells and gives an explanation for this overestimation.
Results: A dependable model is proposed and applied to a few structures of revolution,
for which it is shown that shell analyses are sometimes overly on the unsafe side.
Conclusion: Of course, in such cases, 3D analysis is possible, but the associated
computation cost is several orders of magnitude higher than that of the Fourier series
analysis proposed in this paper.
Background
Computational modeling techniques to analyze the buckling of anisotropic and multi-
layered shells are very well developed, so that further advances may not seem necessary.
However the quest for lighter structures, which has induced many studies for decades,
has led to the development of sandwich structures in order to manufacture robust, yet
lightweight, mechanical parts. Some of these parts are subjected to compression and their
buckling strength must be assessed. The prediction of the critical buckling loads of these
structures seems to be simple: it suffices to model these objects as multilayered shells,
thus leading to an immediate prediction of their critical loads. However, a comparison
of the critical loads predicted from calculations with experimental results reveals signifi-
cant differences. Some remarkable works on buckling [1-3] were published at the turn of
the century, and quasi-analytical solutions have been proposed for cylinders in axial com-
pression [4]. These solutions take into account two types of buckling: global shell buckling
and local skin buckling (wrinkling). Many works dealing with the study of crashworthi-
ness optimization (e.g. [5-7]) are also available. Some authors have also worked on the
interaction between the two types of buckling [8-11] and shown that in some cases this
interaction leads to a critical load which is smaller than that predicted by calculating the
critical loads of each mode independently. The objective of the present work is to exam-
ine the finite element modeling of this problem in the case of axisymmetric structures and
propose a modeling strategy which leads to good results in all situations. The particular
case of plastic buckling is also analyzed in depth.
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The paper is structured as follows:
• first, the modeling of elastic-plastic buckling and its application to structures of
revolution is reviewed;
• then, three sample applications are presented(a cone under internal pressure, a cone
under external pressure, and a sphere under external pressure).
Method : A short review of themodeling of the elastic-plastic buckling of
structures of revolution
Elastic buckling of structures of revolution
The structures being considered in this work are structures of revolution subjected to
axisymmetric loading. Their elastic response (which can involve geometric and mate-
rial nonlinearities) is also axisymmetric. However, when studying the stability of these
objects, the loss of this symmetry of revolutionmust be envisaged. Because of the axisym-
metric nature of both the structure and the constraints, the instability mode can be
decomposed into a Fourier series. One can easily show (Koiter [12], Bushnell [13,14])
that in the case of a perfectly axisymmetric structure subjected to axisymmetric loading
the instability involves only a single Fourier mode. This type of problem can be modeled
using axisymmetric finite elements and a Fourier series decomposition. This is the cho-
sen approach because it is quite efficient. 3D shells, or even solid elements, could also be
used, but these would lead to much longer computation times. Two means of modeling
these sandwich shells will be compared: the multilayer shell model called COQMULT,
whose kinematics requires that the distance between layers remain constant during the
deformation, and an axisymmetric volume model denoted QUA8 (in our case, an 8-node
element enabling an exact representation of a linearly varying strain across the thick-
ness), which removes all kinematic constraints between the two skins. Let us consider the
local coordinate system s, θ , nwhich is tangent to the shell at any point of the mid-surface
(Figure 1).
Themembrane strains mij and bending strains bij for shells are well-known [15,16]. They
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Figure 1 Definition of the local coordinate system for an axisymmetric shell.
where u, v,w denote respectively the axial, circumferential and normal displacements of
the shell. r is the distance to the axis of revolution, R the axial curvature of the shell, and
φ the angle with direction −z (+z being the axis of revolution).
The quadratic membrane strains , which measure the variation of the shell strain state
























































where λφ = ∂w∂θ − vcosφ , μφ = ∂u∂θ − vsinφ and ηφ = ∂v∂θ +wcosφ + usinφ. For the volume











































In these expressions, ur , uz, v denote respectively the radial displacement, the vertical


























































































































Finally, buckling analysis consists of two steps: first the calculation of the axisymmetric
prestress and then a series of buckling calculations for each Fourier mode j. The critical
load and the associated critical mode correspond to the Fourier mode j which leads to the
smallest load.
The shell finite elements chosen for the calculations are plane shell elements ( 1R = 0)
which possess only four degrees of freedom per node (three translations plus the rotation
about the circumferential direction) [15].
The volume elements chosen are 8-node isoparametric axisymmetric elements with
three Fourier degrees of freedom.
Nonlinear buckling of structures of revolution
Nonlinear instability may develop in any non linear analysis: for a given load level, they
are characterized by the existence of more than one equilibrium state. For an axisym-
metric structure the unstable state can be either axisymmetric or non-axisymmetric. If
the structure remains axisymmetric, well-known incremental calculation techniques with
control (such as the arc-length control method [17,18]) can generally be used to predict
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the critical load, except when the loading is exactly orthogonal to the instability mode.
However, if the instability mode is not axisymmetric, this instability cannot be predicted
using incremental analysis alone. In that case, there are two possible modeling strategies
for predicting instability.
• The first strategy consists in meshing the structure of revolution in 3D and using this
mesh to seek the instability. However, one should note that if the mesh satisfies the
symmetry of revolution and the loading is axisymmetric the 3D analysis leads to an
axisymmetric deformed shape and, thus, “misses” the non-axisymmetric instability.
In this case, one must either introduce a defect (by perturbing the mesh of the
structure or the loading) or use a mesh which does not satisfy the symmetry of
revolution, hoping that this “imperfection” will solicit the instability sufficiently for it
to develop “naturally.”
One can also use the specific technique of axisymmetric elements with
non-axisymmetric defects ([16,19]).
• The second strategy consists in calculating the nonlinear response of the structure of
revolution (which, thus, remains axisymmetric), then checking the stability of each
resulting nonlinear state k. In such a stability study, for each load step k, one
examines all the possible Fourier modes: the instability point is the first step k whose
load multiplier is equal to 1. This Fourier analysis with uncoupled modes is still
possible even though the response of the structure is nonlinear (in terms of geometry
or material) because the preloads remain axisymmetric.
The geometrically nonlinear case
In the case of a pure geometrically nonlinear response, one calculates the axisymmetric
equilibrium states using standard nonlinear incremental techniques. Thus, one obtains a
sequence of m equilibrium states, denoted Ck , which are characterized by two variable
fields: the displacement field between the initial structure and the current structure uk ,
and the equilibrated Cauchy stress field σk . Once these m states have been found, one
studies their stability. In order to do that, one calculates the stability of the deformed
shape which corresponds to each state Ck by examining all the possible Fourier modes to
find the mode j which leads to the smallest critical load λkj . The first state k which satisfies
λkj = 1 is the critical state: then, buckling occurs following Fourier mode j. One should
stress the fact that this buckling is usually associated with a loss of symmetry of revolution
(if j = 0).
The elastic-plastic case
In this case, modeling the instability is a little trickier because of the unilateral nature
of the elastic-plastic constitutive relation. The calculation of the equilibrium states
follows the same scheme as in the geometrically nonlinear case: one calculates a
sequence of statically and plastically admissible states, again denoted Ck . These states
are characterized by three quantities: the displacements and stresses (as in elasticity),
plus the internal variables Ak . One shall now consider the special case of Von Mises
elastic-plastic case, but the present approach is the same for any irreversible elastic-
plastic material. In case of damage model, this procedure is still valid but must be
applied in a slightly modified manner. Let us consider the case of a tension curve
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with Young’s modulus E, tangent modulus ET and secant modulus Es, as shown in
Figure 2 below.
In order to calculate the instability using the same method as in nonlinear elasticity,
one must linearize the constitutive relation during the buckling around state Ck . The nat-
ural way to linearize the material’s behavior around the current state is simply to use the






s ⊗ sT ]AH
s∗2 Eh + sTAHAs
)
(22)
In this equation, H is the elastic constitutive matrix, s the stress deviator and Eh the
elastic-plastic slope, which is related to the tangent modulus through the equation:
Eh = E ETE − ET (23)
s∗ is Von Mises’ equivalent stress. A, the operator which leads to Von Mises’ stress




Thus, the equilibrium states can be calculated incrementally. When the loading
increases monotonically, the iterations converge rapidly. In the case of unloading, or
when the direction of loading changes abruptly, the increment in the local stress tensor is
very different from the current state and this tangent behavior operator, which is calcu-
lated using one’s knowledge of the current stress state, is far from predicting the correct
increment. For example, if one considers a stress state over the loading surface and the
stress increment is tangent to the plasticity convex set, this approach leads to an elas-
Figure 2 The stress-strain curve and definition of the different moduli.
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tic increment. In the case of incremental analyses, this approximation is corrected by the
constraint that the final state must be plastically admissible. This remark shows that if one
evaluates the stability of a state using for state Ck the standard tangent constitutive matrix
based on incremental plasticity theory (which is what is done in most programs) one
tends to overestimate the stiffness, which leads to an unsafe prediction of the instability.
This is an unconservative method of predicting plastic instability. The most pessimistic
approximation consists, for any stress state on the plasticity convex set, in choosing the
approximation of the tangent modulus which uses the following equation for the tangent
constitutive matrix:
Ht = ETE H (25)
The middle-of-the-road method consists in using finite plasticity theory, in which,
at any point of the loading surface, the tangent constitutive law is approximated by
Equation 26. These three ways of calculating the tangent stiffness in buckling can be

















Now let us apply the buckling models to the prediction of elastic and elastic-plastic
buckling for three types of sandwich shells:
• a half-sphere fixed at the base and subjected to uniform external pressure;
• three cone frustra fixed at their bases and subjected to uniform external pressure;
• the same three cone frustra, this time subjected to uniform internal pressure.
Geometries and materials
All the shells considered consisted of three layers. The two skins were the same thickness
(t = 1 mm) and the core layer was filled with a material which was generally weaker than
the skin. Three core layers with thicknesses e equal to 1, 9 and 49 mm, respectively (mak-
ing their overall thicknesses equal to 3, 11 and 51 mm) are examined. The chosen generic
geometries and the properties of the materials, which were assumed to be isotropic, are
defined below:
The half-sphere
The half-sphere had a radius R equal to 1 m and was fixed at the base.
The cones
Three types of cones, with angles 30°, 45° and 60° from the horizontal, were studied. All
three had the same radius at the base Rmin equal to 1 m and the same maximum radius
Rmax equal to 2 m. The bases were fixed. Thus, 9 cases under internal pressure and 9 cases
under external pressure were studied.
Thematerials
The materials were assumed to be elastic or perfectly elastic-plastic. The yield strain was
0.001. The same Poisson’s coefficient is chosen for all materials (equal to 0.3). The Young’s
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modulus of the skins was Eskin = 200,000 MPa. For the core layer of the sandwich shells,
decreasing values of the Young’s modulus were chosen among the following list: Ecore =
200,000 MPa, 20,000 MPa, 2,000 MPa, 200 MPa and 20 MPa. For the nonlinear analyses,
the moduli Ecore = 200,000 MPa, 2,000 MPa and 20 MPa alone were studied. Hereafter,
the ratio EcoreEskin will be denoted β .
The finite elementmodels
All these cases were modeled as axisymmetric problems in two ways. The first model will
be referred to as the COQMULTmodel. The mid-line was meshed using p+ 1 nodes, i.e.
p elements. Each layer was assumed to have its own offset, its own thickness and its own
material. The second model will be referred to as the QUA8 model. The thickness was
represented by 3 quadrangular isoparametric elements with 8 nodes and 9 integration
points. The generatrix was meshed using q elements. Thus, the final mesh contained 3q
elements and 10q+ 7 nodes. The stability analysis was carried out in the Fourier basis by
seeking the Fourier mode leading to the lowest critical load.
In the case of the QUA8 mesh of the cone, rectangular elements were chosen. Thus,
the mesh represented the shell’s geometry exactly. A preliminary convergence study was
performed for eachmodel in order to predict the linear buckling pressure of a single layer
under external or internal pressure. This study enabled us to choose the mesh size for
each case. The coarsest mesh which enabled the critical pressure to converge to within 1%
of the exact solution has been chosen. A decomposition into 100 regular elements along
the mid-line ensured the convergence of the elastic buckling load.
Regarding the meshing of the cone, 50 shell elements were sufficient to achieve
convergence. Table 1 summarizes the meshes which were chosen for the calculations.
Linear elastic buckling
Now let us compare the linear elastic buckling loads which were obtained for each case.
A formula for calculating the change in critical pressure for each case when replacing a
homogenous shell by a sandwich shell
A simple method for predicting the buckling pressure of a sandwich shell modeled using
shell theory if one knows the result for a shell of the same geometry, but made of a single
material whose properties are those of the skin will be presented. Let us compare the
membrane and bending stiffnesses of the simple shell with those of the sandwich shell.
The membrane stiffness of a shell of thickness h and Young’s modulus E is (Eh). The
associated bending stiffness is D = E h312(1−ν2) . Let (Eh)∗ and D∗ denote respectively the
homogenized membrane and bending stiffnesses of the multilayer shell. All the formulas
giving the theoretical critical loads of the shells considered here are proportional to the
product of these two stiffnesses raised to some power m:
k = (D∗(Eh)∗)m (27)
Table 1 Themeshes chosen for the sphere and cone cases
Geometry p COQMULT q QUA8
Sphere 100 100
Cone 50 100
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Now let us define the variable x = 2te where t is the skin thickness and e the core
thickness. One has the relation h = e (1 + x). With these notations, one has:
(Eh)∗ = eEskin (β + x) (29)





β + x (3 + 3x+ x2)] (30)
Therefore, the buckling load of the sandwich shell is obtained by multiplying the critical
load of the homogenous shell with the same overall thickness by the coefficient r given by
the equation:
r = fcase (β , x)
(1 + x)m (31)
The function f and the power m depend on the case being considered. Here, one has
three cases:











This critical load is found by applying the Volmir method [20], based on Donnell’s
shell model. The equation giving the stability of a sphere of radius R and thickness h
made of a single material (Young’s modulus E, Poisson’s coefficient ν) under an
external pressure p is:
D∇6w + pR2∇
4w + EhR2 ∇
2w = 0 (33)
In Equation (33), w is the displacement normal to the shell. The solution is found by
assuming that the buckling mode w satisfies ∇2w = −z2w, where z is a parameter to
be determined. Then, one has the following equation in w:(
Dz4 + pR2 z
2 + EhR2
)
z2w = 0 (34)
Equation 34 is satisfied if the pressure p satisfies:















1 − ν2) (36)
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Substituting z given by Equation 36 into Equation 35, one retrieves Equation 32.
Now let us extend this analytical solution to the case of multilayer spherical shells,
which will enable us to predict the analytical critical pressure of the sphere under the
assumption that that shell still satisfies shell theory. In order to do that, one replaces
the membrane and bending stiffnesses Eh and D in Equation (33) by their






This is a very general formula which is valid for any kind of multilayer shell. One can
immediately note that the exponent m of interest is equal to 12 .
In our case, one gets:
rsphere (β , x) =
√
β2 + βx (4 + 3x+ x2)+ x2 (3 + 3x+ x2)
(1 + x)2 (38)
Now let us describe some properties of this ratio. When the Young’s modulus of the
core layer tends toward zero (the modular ratio of core to skin β is then 0.), the limit
of the ratio rsphere is:
rsphere (0, x) = x
√
3 + 3x+ x2
(1 + x)2 (39)
When β = 1 one gets back to r = 1.
• The cone under external pressure. The buckling mode of the cone under external
pressure fixed along its smaller diameter and free along its larger diameter is similar
to that of a cylinder of finite length under external pressure. The proof which leads to





After some calculations, the ratio of the critical loads is found to be:
rcone−pext (β , x) =
[(
β + x [3 + 3x + x2])3 (β + x)]0.25
(1 + x)2.5 (40)
Here, the exponent m is equal to 52 . Indeed, one can note that if β = 1, r = 1. If β
equals zero, one gets the lower critical pressure from the equation:
rcone−pext (0, x) =
√x (3 + 3x+ x2) 34
(1 + x)2.5 (41)
• The cone under internal pressure. In the case of the cone under internal pressure, the
critical pressures are estimated by replacing the cone by an equivalent cylinder
subjected to uniform axial compression at its base. The proof of the theoretical
formulas giving the critical load of the cylinder [12] is more complex than, but similar
to that given above for the sphere under external pressure. One can show that the
critical load is still governed by
√
D∗(Eh)∗ . Therefore, this case is similar to that of
the sphere under external pressure and the reduction factor is the same:
rcone−pint (β , x) = rsphere (β , x) (42)
The sphere under external pressure
The results of the two finite element models are compared to the values predicted by
Equation (32) in Table 2 below.
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Table 2 The calculatedbuckling loads for the 3 thicknesses
Overall thickness PE (Koiter) COQMULT QUA8
mm (MPa) (MPa) (MPa)
3 2.179 2.179 2.179
11 29.29 29.12 29.01
51 630 612 587
The agreement was very good for the two thinnest shells. The results of the calculation
for the thickest shell were still close to the theoretical formula, but less accurate. Let us
observe that the thicker the shell, the further the result given by the solid finite element
calculation from that given by the COQMULT calculation. The latter also departed from
the theoretical solution obtained with Sanders Donnell’s simplified shell theory. Let us
note that in the case of the thick shell the slenderness ratio (Rh ) was only 20: the shell was
not really thin and thin shell assumptions were no longer relevant.
Table 3 below compares, for each case, the critical pressures obtained with the two
models. In all the calculations, the critical loads of Fourier modes 0 to 5 differed by less
than 3%.
The calculated critical loads are given in relation to the elastic buckling load of the shell
made of a single material with Young’s modulus 200,000 MPa.
The analytical formula giving the critical pressure of the sandwich shell was perfectly
satisfied by the multilayer shell calculation. However, the “QUA8” calculation, which is
not based on the same shell assumptions, led to smaller critical pressures when the mod-
ulus of the core layer was less than, or equal to, one hundredth of the modulus of the
skin. This overestimation became higher as the core layer became thicker and its stiffness
became smaller.
Table 3 Sphere under external pressure: the calculatedbuckling loads for the different
cases







3 0.0001 0.80 0.80 0.022 0.30
3 0.001 0.80 0.80 0.0 0.56
3 0.01 0.80 0.80 0.256 0.94
3 0.1 0.82 0.82 0.82 0.99
3 1. 1.00 1.0 1.00 1.00
11 0.0001 0.286 0.286 0.022 0.078
11 0.001 0.286 0.286 0.073 0.25
11 0.01 0.294 0.294 0.257 0.87
11 0.1 0.364 0.364 0.369 0.98
11 1. 1.00 1.0 1.00 0.996
51 0.0001 0.065 0.065 0.0015 0.023
51 0.001 0.066 0.066 0.0092 0.13
51 0.01 0.075 0.075 0.066 0.85
51 0.1 0.160 0.160 0.165 0.97
51 1. 1.00 1.0 1.00 0.96
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Figure 3 compares the critical loads obtained for all the cases with the two models. One
can clearly see that both models led to the same buckling loads as long as the modulus of
the core layer remained greater than one tenth that of the skins.
With the COQMULT model, once the modulus became smaller than one hundredth
that of the skins, the core layer ceased to contribute to the buckling strength. Neverthe-
less, the critical load thus estimated still could be much greater than that obtained using
a QUA8 model, which allows the two skins to have independent kinematics.
Figures (4A) and (4B) show two typical deformed shapes obtained using the COQ-
MULT models.
In the case of the thicker shell with the smaller modulus, the critical load was overesti-
mated by a factor of 50 when using the multilayer shell model, which is considerable. The
reason was that in the case of the COQMULT model the predicted mode was such that
the two skins were interdependent (Figure 4A), whereas with the QUA8 model the pre-
dicted buckling mode involved both skins when β = 1, but only the external skin when
β < 0.01. This is clearly visible if one compares Figures (4C) and (4D).
The critical load of the skin alone can be obtained using Koiter’s formula (Equation 32).
In our case, one gets 0.242 MPa. One can observe that the lower the modulus of the core
Figure 3 Comparison of the effects of the Young’s modulus of the core layer on the sphere’s buckling
pressure using the two models (COQMULT and QUA8).
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Figure 4 Comparison of the buckling modes for the 51mm-thick sphere under external pressure.
(A) Buckling Mode 0 (COQMULT), (B) Buckling Mode 2 (COQMULT), (C) Buckling Mode 0, β = 1 (QUA8),
(D) Buckling Mode 0, β = 0.0001 (QUA8).
layer, the closer the critical load was to that value. Table 4 shows a comparison between
the critical pressure of the skin alone and the critical pressure of the three stacked lay-
ers in the case where the modulus of the core layer was nearly zero (0.2 MPa): one can
see that the critical pressure of the assembly was practically equal to that of the exter-
nal skin alone in the case of the thickest shell and was 10% greater in the case of the thin
shell.
Themultilayer model overestimated the critical bucking load of the assembly by a factor
of 100 in the case of the thickest shell, which is considerable.
The same comparison for the smallest Young’s modulus of the parametric analysis
(β = 0.0001) is shown in Table 5. The trend was the same, but one can see that the core
layer still helped the external skin resist buckling. Nevertheless, themultilayer shell model











Table 4 The elastic buckling loads for Ecore = 0.2 MPa
Overall thickness Pbucklin (skin) COQMULT QUA8
mm (MPa) (MPa) (MPa)
3 0.242 1.74 0.316
11 0.242 8.34 0.270
51 0.242 39.7 0.246
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Table 5 The elastic buckling loads for Ecore = 20 MPa
Overall thickness Pbucklin (skin) COQMULT QUA8
mm (MPa) (MPa) (MPa)
3 0.242 1.74 0.55
11 0.242 8.34 0.65
51 0.242 39.7 0.9
The cones under external pressure
Usually, cones which are fixed along their base and whose fixed radius is smaller than
the free radius buckle following a non-axisymmetric mode which will be called a “skirt
mode”. The associated displacement is maximal on the cone’s free edge. A typical mode
is shown in Figure (5).
• Let us first consider the cones meshed with QUA8 elements. In order to do that, the
critical loads obtained with two different representations of the same mid-line will be
compared. By meshing the cones with a horizontal free boundary (“HORI”) instead of
a free surface perpendicular to the the mean surface (“ORTHO”) (Figure 6), the
buckling pressure could be reduced significantly.
A comparison of the two buckling modes corresponding to the two meshes of the 30°
cone is shown in Figure 7. One can see that the smaller critical load obtained for the
model with the horizontal free surface was due to a loss of stiffness at the top of the
cone, leading to a smaller buckling load.
Table 6 shows the results in the case of the thick cone (overall thickness 51 mm,
single material), for which the difference was the greatest. One can note that for the
30° angle the model with the horizontal free surface led to a critical load which was
six times smaller.
From here on, the QUA8 mesh which conforms to the geometry of the COQMULT
mesh will be retained.
• Now let us compare the results of the COQMULTmodels with the results of the
QUA8 models. Table 7 shows the results of the calculations in the case of
single-material cones. Again, in this case, one can see that the critical load obtained
with the solid model was very close to that given by the shell model for the two
thinnest walls, and was slightly smaller for the thickest wall. Once again, the problem
lies near the limit of validity of the shell model.
The typical buckling modes of the 60° and 30° cones are shown in Figure (5).
Figure 5 The typical buckling modes for two cones under external pressure. (A) “ORTHO” Mesh,
(B) “HORI” Mesh.
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Figure 6 Schematic view of the two representations of a cone’s geometry.
Tables 8, 9 and 10 show the normalized Euler loads calculated for the 9 cases and for
each of the 3 cone angles studied. The last column also shows the ratio of the elastic
buckling load predicted by the QUA8 model to that predicted by the COQMULT
model. The agreement between the buckling pressures predicted by the COQMULT
and QUA8 models was good for the two thinnest cones as long as β ≥ 0.01. In the
case when β = 0.0001, the critical load given by the shell model was overestimated
by 30%. For the thickest cone, the critical load was overestimated by a factor of 3 to 5.
Once again, the shell model precluded the buckling of the external skin alone. One
can also note that when the Young’s modulus of the core layer was very small the
rank of the Fourier buckling mode found by the QUA8 model was always greater
than that of the COQMULTmodel. For all the cone angles considered, the results in
terms of relative pressure were quite similar, which indicates that the cone angle had
very little influence on the relative loss of stiffness induced by a core layer with a
smaller modulus. This can probably be explained by the facts that the mode
Figure 7 Comparison of the buckling modes for the 51mm-thick 30° cone under external pressure.
(A) 60° angle, (B) 30° angle.
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Table 6 The calculatedbuckling pressures andmodes for the 3 cone angles and the 3
models: Shell, QUA8 with the standard free surface (“ORTHO”) and QUA8 with the
horizontal free surface (“HORI”)
Angle COQMULT Mode Standard QUA8 Mode Horizontal QUA8 Mode
° (MPa) (MPa) (MPa)
30 7.34 4 7.28 4 1.15 5
45 9.21 4 9.06 4 3.607 5
60 7.83 4 8.08 4 5.529 4
developed in the cone’s upper portion alone and that the external radius was the
same for all the shells. Finally, let us note that the estimated reduction in the critical
load proposed by Formula (40) was relatively accurate for the multilayer shell model,
but it overestimated the critical pressure when the modulus of the core layer was very
small because it is based on a pure shell kinematics.
Figure 8 compares the effects of the stiffness of the core layer on the critical buckling
mode for the two models and the three types of cones (with overall thicknesses equal
to 3, 11 and 51 mm). One can observe that the behavior was very similar for each of
the cone geometries and was also similar to the case of the sphere. The estimate of
the reduction in the critical load given by the analytical formula remained quite
acceptable. The maximum error was less than 3%.
The cones under internal pressure
The same examples were calculated with an internal pressure load. In such a case, the
cone buckles following an axisymmetric mode near the smaller radius. The results for the
60°, 45° and 30° cones are given in Tables 11, 12 and 13 respectively. Once again, one can
observe that the multilayer shell model drastically overestimated the critical loads when
the Young’s modulus of the core layer was small. In this case, the overestimation could
become considerable, reaching a factor of 50 in the case of the 45° angle and the thickest
shell. The ratio of the critical pressure of the single-material shell to that of the three-layer
shell still followed Equation 42 as was the case for the sphere under external pressure.
Table 7 The calculated linear external buckling pressure for the 3 cone angles and the 3
thicknesses
Angle Overall thickness COQMULT Mode QUA8 Mode
° mm (MPa) (MPa)
30 3 0.0052 9 0.0052 9
30 11 0.139 6 0.139 6
30 51 7.34 4 7.28 4
45 3 0.00709 9 0.00708 8
45 11 0.187 6 0.187 6
45 51 9.21 4 9.06 5
60 3 0.00677 8 0.00678 8
60 11 0.107 6 0.108 6
60 51 7.83 4 8.08 4
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Table 8 The calculatednormalized external buckling pressure for the 60° cone







3 0.0001 0.889 0.878 8 0.729 8 0.82
3 0.001 0.889 0.878 8 0.868 8 0.98
3 0.01 0.891 0.879 8 0.888 8 1.0
3 0.1 0.899 0.892 8 0.900 8 1.0
3 1.0 1. 1. 8 1.0 8 1.0
11 0.0001 0.366 0.360 5 0.176 7 0.49
11 0.001 0.366 0.361 5 0.325 5 0.91
11 0.01 0.376 0.367 5 0.358 5 0.98
11 0.1 0.443 0.411 5 0.429 5 0.99
11 1.0 1. 1. 6 1. 5 1.02
51 0.0001 0.097 0.087 3 0.022 6 0.24
51 0.001 0.098 0.088 3 0.072 4 0.76
51 0.01 0.11 0.097 3 0.101 4 0.95
51 0.1 0.196 0.183 4 0.187 4 0.99
51 1.0 1. 1. 4 1. 4 1.03
The evolutions of the relative critical pressures as functions of β , the ratio of the
moduli, are shown in Figure 9. Again, the cone angle did not appear to have much
influence.
The three buckling modes are shown in Figure 10. For all the cases, one can note the
presence of an axisymmetric axial compression buckling mode at the base.
Table 9 The calculatednormalized external buckling pressure for the 45° cone







3 0.0001 0.889 0.878 9 0.698 9 0.98
3 0.001 0.889 0.878 9 0.863 9 0.97
3 0.01 0.891 0.879 9 0.890 9 1.0
3 0.1 0.900 0.892 9 0.900 9 1.0
3 1.0 1. 1. 9 1.0 8 1.0
11 0.0001 0.360 0.360 6 0.152 8 0.42
11 0.001 0.361 0.361 6 0.316 6 0.87
11 0.01 0.367 0.367 6 0.361 6 0.98
11 0.1 0.412 0.430 6 0.425 6 1.03
11 1.0 1. 1. 6 1. 6 1.0
51 0.0001 0.089 0.087 4 0.017 4 0.19
51 0.001 0.090 0.088 4 0.066 4 0.72
51 0.01 0.099 0.097 4 0.095 4 0.94
51 0.1 0.143 0.183 4 0.151 4 1.03
51 1.0 1. 1. 4 1. 5 1.0
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Table 10 The calculatednormalized external buckling pressure for the 30° cone







3 0.0001 0.890 0.878 9 0.69 9 0.78
3 0.001 0.890 0.878 9 0.86 9 0.97
3 0.01 0.890 0.879 9 0.89 9 0.99
3 0.1 0.900 0.892 9 0.900 9 1.0
3 1.0 1. 1. 9 1.0 9 1.0
11 0.0001 0.360 0.360 6 0.150 8 0.41
11 0.001 0.364 0.361 6 0.314 6 0.86
11 0.01 0.370 0.367 6 0.362 6 0.97
11 0.1 0.430 0.43 6 0.423 6 1.0
11 1.0 1. 1. 6 1. 6 1.0
51 0.0001 0.096 0.087 4 0.016 9 0.16
51 0.001 0.096 0.088 4 0.067 4 0.69
51 0.01 0.104 0.097 4 0.098 4 0.93
51 0.1 0.185 0.183 4 0.184 4 0.98
51 1.0 1. 1. 4 1. 4 0.99
Figure 8 The effect of β (the relative stiffness of the internal layer) on the external buckling pressure
of the cone. (A) Overall thickness 3 mm, (B) Overall thickness 11 mm, (C) Overall thickness 51 mm.
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Table 11 The calculated relative internal buckling pressure for the 60° cone







3 0.0001 0.804 0.801 0.253 0.32
3 0.001 0.809 0.801 0.452 0.58
3 0.01 0.811 0.803 0.755 0.94
3 0.1 0.829 0.823 0.820 1.00
3 1.0 1. 1.0 1. 1.01
11 0.0001 0.300 0.287 0.021 0.07
11 0.001 0.300 0.287 0.072 0.24
11 0.01 0.307 0.295 0.264 0.86
11 0.1 0.377 0.365 0.371 0.98
11 1.0 1. 1. 1.0 1.0
51 0.0001 0.074 0.067 0.0015 0.02
51 0.001 0.075 0.068 0.0074 0.10
51 0.01 0.084 0.077 0.049 0.57
51 0.1 0.171 0.165 0.167 0.97
51 1.0 1. 1. 1.0 0.99
Geometrically non linear elastic-plastic buckling
The objective of this section is to answer the question: “Are the limitations of the multi-
layer shell modeling of sandwich shells observed in the linear case still valid if one takes
into account material and geometric nonlinearities?” In order to do that, elastic-plastic
buckling was predicted by applying the method described previously to the calculation
of the stability of the nonlinear elastic-plastic solution. A perfect elastic-plastic material
which becomes plastic when the strain exceeds 0.001 is assumed.
Table 12 The calculated relative internal buckling pressure for the 45° cone







3 0.0001 0.813 0.801 0.25 0.31
3 0.001 0.813 0.801 0.49 0.60
3 0.01 0.815 0.803 0.77 0.95
3 0.1 0.833 0.823 0.83 1.00
3 1.0 1. 1. 1.0 1.00
11 0.0001 0.306 0.287 0.021 0.07
11 0.001 0.306 0.287 0.079 0.26
11 0.01 0.314 0.295 0.273 0.87
11 0.1 0.382 0.365 0.378 0.99
11 1.0 1. 1. 1.0 1.0
51 0.0001 0.078 0.067 0.0015 0.02
51 0.001 0.079 0.068 0.0067 0.08
51 0.01 0.089 0.077 0.0407 0.45
51 0.1 0.174 0.165 0.17 0.97
51 1.0 1. 1. 1.0 0.99
Combescure AdvancedModeling and Simulation in Engineering Sciences 2014, 1:2 Page 20 of 27
http://www.amses-journal.com/content/1/1/2
Table 13 The calculated relative internal buckling pressure for the 30° cone







3 0.0001 0.82 0.801 0.26 0.31
3 0.001 0.82 0.801 0.54 0.67
3 0.01 0.82 0.803 0.79 0.96
3 0.1 0.83 0.823 0.83 1.00
3 1.0 1. 1.0 1. 1.00
11 0.0001 0.313 0.287 0.022 0.07
11 0.001 0.314 0.287 0.097 0.31
11 0.01 0.321 0.295 0.287 0.89
11 0.1 0.389 0.365 0.385 0.99
11 1.0 1. 1.0 1. 1.00
51 0.0001 0.068 0.067 0.0017 0.026
51 0.001 0.069 0.068 0.0072 0.10
51 0.01 0.078 0.077 0.044 0.57
51 0.1 0.160 0.0165 0.162 1.00
51 1.0 1. 1.0 1. 1.01
Figure 9 The effect of β (the relative stiffness of the core layer) on the cone’s internal buckling
pressure. (A) Overall thickness 3 mm, (B) Overall thickness 11 mm, (C) Overall thickness 51 mm.
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Figure 10 The buckling modes of the cones under internal pressure. (A) 60° angle, (B) 45° angle, (C) 30°
angle.
The sphere under external pressure
• First, the nonlinear stability analysis was carried out for all the cases.
For the sphere under external pressure, the results shown in Table 14 were obtained.
One can note that plasticity reduced the buckling load by a factor of 2 for the
thinnest spheres. The elastic-plastic critical load was 50 times smaller for the thickest
spheres. One observes that the multilayer model is not dependable when the
modulus of the core layer is very small. Once again, the local buckling mode of the
external layer alone could not be predicted. The conclusion drawn in the case of
elastic buckling still holds for nonlinear buckling.
• Now let us compare the critical loads and complete incremental responses of the
COQMULT and QUA8 models in the case of more significant differences. This
concerns the spheres with a 49 mm-thick core layer (overall thickness 51 mm) and a
modulus equal to 20 MPa. This case can be calculated relatively easily because the
Table 14 The calculated elastic-plasticbuckling loads for the sphere under external
pressure








(mm) (MPa) (MPa) COQMULT
3 0.0001 0.80 0.46 0.08 0.14 0.1
3 0.01 0.8 0.46 0.77 0.47 0.96
3 1. 1.17 0.54 1.16 0.53 0.99
11 0.0001 0.80 0.096 0.095 0.148 0.12
11 0.01 0.836 0.098 0.833 0.11 1.0
11 1. 4.4 0.15 4.39 0.15 1.
51 0.0001 0.802 0.02 0.018 0.021 0.023
51 0.01 1.0 0.022 0.98 0.025 0.98
51 1. 20.4 0.033 19.8 0.034 0.97
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buckling modes are axisymmetric and, thus, one does not have to carry out coupled
Fourier series calculations. Thus, one can use this case to compare the post-buckling
behavior given by the two models. The results are summarized in Table 15. Several
effects can be observed. For the COQMULTmodel with no defect, the two analyses
(incremental and bifurcation prediction based upon the tangent modulus theory) led
to approximately similar results. In the case of the QUA8 model, the predictions
achieved with the three methods – buckling using the tangent modulus (etan),
buckling using incremental plasticity theory (flow) and incremental analysis – led to
different results. The incremental analysis without defect overestimated the critical
load by 50%, except for the case when β = 0.0001. In the other cases, the estimates of
the critical loads were identical for the COQMULT and QUA8 models regardless of
the bifurcation analysis performed. In the case when β = 0.0001, the multilayer shell
analysis overestimated the critical load by 50% when the buckling was not estimated
using tangent modulus theory.
Figure 11 shows the comparison of the displacements at the top of the sphere
obtained using the two incremental calculations COQMULT and QUA8 with no
defect (the case when β = 0.0001). On this curve, one can clearly see that the
thickness of the shell modeled with QUA8 elements diminishes at the top, a
phenomenon which cannot be accounted for by the COQMULTmodel. The tangent
modulus model appears to lead to an overly pessimistic estimate of the critical load in
the case when β = 0.0001.
Figures 11 and 12 show a comparison of the displacements at the top of the sphere
given by the COQMULTmodel respectively without and with a variable modal
amplitude defect. The post-buckling behavior appears to be stable.
The cones under external pressure
The results of the elastic-plastic bifurcation calculations are given in Tables 16, 17
and 18 below. Let us note that all the bifurcations occurred for non-axisymmetric
modes and that Fourier series analysis is very efficient in such cases. The lowest mode
was always Mode 3. The thickest cone with the smallest core layer modulus meshed
with QUA8 elements buckled following Mode 19. Of course, such an analysis could
be carried out in 3D, but this would require significantly longer computation times:
indeed, one would go from 300 2D Fourier elements to several tens of thousands of 3D
elements.
For the cones under external pressure, one can note that the buckling was elastic for
the two thinnest configurations. For the thickest shell, the buckling was elastic-plastic.
No significant nonlinear geometric effect was observed for this type of buckling. Once
Table 15 Comparison of the estimated elastic-plasticbuckling loads for the 51mm-thick











MPa MPa MPA MPa MPa
0.0001 0.802 0.803 0.018 0.555 0.56
0.01 1.0 1.07 0.98 1.02 1.42
1. 20.4 20.5 19.8 20.44 33.7
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Figure 11 Comparison of the top inner displacements given by the COQMULT and QUA8models.
Figure 12 The effect of an initial imperfection (0, 0.01, 0.1) on the maximumpressure (COQMULT
model).
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Table 16 The calculated elastic-plasticbuckling load under external pressure for the 60°
cone








(mm) (MPa) (MPa) COQMULT
3 0.0001 0.00605 1.0 0.00496 1. 0.82
3 0.01 0.00607 1.0 0.00605 1. 1.
3 1. 0.00859 1.27 0.00681 1. 0.79
11 0.0001 0.0627 1.0 0.028 0.9 0.44
11 0.01 0.0642 1.0 0.063 1. 0.98
11 1. 0.201 1.18 0.158 0.9 0.79
51 0.0001 0.175 0.23 0.032 0.18 0.18
51 0.01 0.219 0.25 0.196 0.24 0.89
51 1. 4.15 0.53 3.55 0.44 0.86
again, when the modulus of the core layer was very small, the buckling mode was a
skin mode. This effect cannot be predicted using the COQMULT model. Because of
elastic-plasticity, the thicker the cone, the smaller the ratio of elastic-plastic to elas-
tic buckling pressure. These results confirm those obtained previously in the case of
the sphere under external pressure. For the 30° case and a very low stiffness of the
core layer, the critical load predicted by the elastic-plastic solid model was 10 times
smaller.
The cones under internal pressure
Tables 19, 20 and 21 below show the complete results of the plastic bifurcation calcu-
lations. Let us note that all the bifurcations occurred for axisymmetric modes. These
bifurcation analysis results can be compared to the results of nonlinear elastic-plastic
analyses. In this case, the buckling was clearly plastic. Overall, the comparison between
Table 17 The calculated elastic-plasticbuckling load under external pressure for the 45°
cone








(mm) (MPa) (MPa) COQMULT
3 0.0001 0.0063 1.0 0.00501 1.01 0.79
3 0.01 0.0063 1.0 0.00634 1. 1.0
3 1. 0.00898 1.27 0.00715 1. 0.8
11 0.0001 0.068 1.0 0.0134 0.47 0.20
11 0.01 0.069 1.0 0.068 1. 0.98
11 1. 0.212 1.13 0.188 1. 0.89
51 0.0001 0.144 0.175 0.0159 0.10 0.11
51 0.01 0.178 0.195 0.154 0.18 0.97
51 1. 9.21 0.382 2.66 0.294 0.76
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Table 18 The calculated elastic-plasticbuckling load under external pressure for the 30°
cone








(mm) (MPa) (MPa) COQMULT
3 0.0001 0.0046 1.0 0.0032 0.9 0.70
3 0.01 0.0046 1.0 0.0047 1.01 1.0
3 1. 0.0066 1.27 0.0054 1.04 0.82
11 0.0001 0.051 1.0 0.00708 0.37 0.15
11 0.01 0.052 1.0 0.051 1.02 0.98
11 1. 0.159 1.14 0.14 1.01 0.89
51 0.0001 0.097 0.14 0.01 0.08 0.10
51 0.01 0.12 0.16 0.104 0.15 0.87
51 0.1 2.58 0.35 1.75 0.24 0.68
the COQMULT and QUA8 models leads to the same conclusions as for elastic buckling:
the COQMULTmodel drastically overestimated the critical load when themodulus of the
core layer of the sandwich shell was very small. Again, in this case, one had a plastic buck-
ling mode of the skin alone, which the COQMULTmodel is unable to predict. Depending
on the case, the nonlinear elastic-plastic critical load varied between one hundredth and
90% of the elastic buckling load.
In this case, one finds again, although to a lesser degree than for the sphere, that
tangent modulus theory led to a safe estimate of the critical load for β = 0.0001,
the QUA8 model and the thickest shell. For the other cases, the COQMULT became
more unsafe as the shell’s thickness increased. The critical plastic buckling pres-
sure predicted using incremental plasticity theory along with the QUA8 model was
Table 19 The calculated elastic-plasticbuckling load under internal pressure for the 60°
cone








(mm) (MPa) (MPa) COQMULT
3 0.0001 0.156 0.3 0.0186 0.11 0.12
3 0.01 0.158 0.3 0.15 0.31 0.95
3 1. 0.307 0.48 0.224 0.35 0.73
11 0.0001 0.175 0.062 0.0306 0.15 0.18
11 0.01 0.183 0.064 0.142 0.06 0.78
11 1. 1.04 0.11 0.892 0.09 0.86
51 0.0001 0.183 0.01 0.0039 0.01 0.02
51 0.01 0.253 0.012 0.183 0.016 0.72
51 1. 4.64 0.019 3.3 0.014 0.71
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Table 20 The calculated elastic-plasticbuckling load under internal pressure for the 45°
cone








(mm) (MPa) (MPa) COQMULT
3 0.0001 0.127 0.35 0.04 0.37 0.33
3 0.01 0.128 0.35 0.11 0.31 0.85
3 1. 0.248 0.55 0.18 0.39 0.71
11 0.0001 0.145 0.07 0.01 0.07 0.07
11 0.01 0.152 0.07 0.12 0.06 0.79
11 1. 0.860 0.125 0.59 0.09 0.69
51 0.0001 0.145 0.01 0.006 0.02 0.04
51 0.01 0.184 0.01 0.048 0.006 0.26
51 1. 3.80 0.02 0.77 0.004 0.2
up to 50% greater than using tangent modulus theory. However, both these criti-
cal loads were always smaller than, or equal to, that obtained using the COQMULT
model.
Conclusions
This paper presented the analytical formulae for the elastic buckling loads of sandwich
cones and spheres under pressure loading. These formulae were successfully compared to
multilayer shell calculations. Then, one showed the limitations of that formulation which
relies on a shell kinematics which does not allow the skins to wrinkle independently of
each other. The calculations were compared to continuum mechanics calculations, which
are the most relevant calculations in these cases.
All these calculations showed that when the Young’s modulus of the sandwich shell’s
core layer is more than one tenth that of the skins the multilayer model suffices. When
the ratio of the moduli is less than one hundredth (which is often the case with foam
Table 21 The calculated elastic-plasticbuckling load under internal pressure for the 30°
cone








(mm) (MPa) (MPa) COQMULT
3 0.0001 0.086 0.44 0.004 0.06 0.05
3 0.01 0.087 0.44 0.06 0.34 0.75
3 1. 0.165 0.69 0.11 0.48 0.70
11 0.0001 0.10 0.09 0.01 0.09 0.09
11 0.01 0.11 0.09 0.08 0.75 0.75
11 1. 0.61 0.16 0.39 0.64 0.64
51 0.0001 0.11 0.015 0.011 0.06 0.10
51 0.01 0.13 0.016 0.095 0.02 0.71
51 0.1 2.70 0.025 1.19 0.01 0.44
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materials) skin modes are likely to occur at pressures which are much lower than those
predicted by the multilayer model. These conclusions are valid both in elasticity and in
nonlinear elastic-plasticity. The analysis which is proposed here for the axisymmetric case
is particularly efficient since a linear calculation such as those which were carried out
in this study takes no more than a few seconds on a laptop PC and a nonlinear solid
calculation takes only a few minutes.
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